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ABSTRACT 

It's crucial to use advanced combustion strategies to increase efficiency and decrease 

engine-out pollutants because of the compelling need to reduce the global carbon footprint. This 

dissertation proposes dual fuel low-temperature combustion as a viable strategy to decrease 

engine-out emissions and increase the thermal efficiency of future heavy-duty internal 

combustion (IC) engines.  In dual fuel combustion, a low reactivity fuel (e.g. methane, propane) 

is ignited by a high reactivity fuel (diesel) in a compression-ignited engine. Generally, the energy 

fraction of low reactivity fuel is maintained at much higher levels than the energy fraction of the 

high reactivity fuel. For a properly calibrated engine, combustion occurs at lean and low-

temperature conditions (LTC). This decreases the chances of the formation of soot and oxides of 

nitrogen within the engine.  However, at low load conditions, this type of combustion results in 

high hydrocarbon and carbon monoxide emissions. The first part of this research experimentally 

examines the effect of methane (a natural gas surrogate) substitution on early injection dual fuel 

combustion at representative low loads of 3.3 and 5.0 bar BMEPs in a single-cylinder 

compression ignition engine (SCRE). Gaseous methane fumigated into the intake manifold at 

various methane energy fractions was ignited using a high-pressure diesel pilot injection at 310 

CAD. Cyclic combustion variations at both loads were also analyzed to obtain further insights 

into the combustion process and identify opportunities to further improve fuel conversion 

efficiencies at low load operation. In the second part, the cyclic variations in dual fuel 

combustion of three different low reactivity fuels (methane, propane, and gasoline) ignited using 
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a high-pressure diesel pilot injection was examined and the challenges and opportunities in 

utilizing methane, propane, and gasoline in diesel ignited dual fuel combustion, as well as 

strategies for mitigating cyclic variations, were explored. Finally, in the third part a CFD model 

was created for diesel methane dual fuel LTC. The validated model was used to investigate the 

effect of methane on diesel autoignition and various spray targeting strategies were explored to 

mitigate high hydrocarbon and carbon monoxide emissions at low load conditions.  
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CHAPTER I 

INTRODUCTION 

1.1  Motivation for dual fuel low temperature combustion  

According to International Energy Outlook 2020 [1], world energy consumption 

rises nearly 50% by 2050. Figure 1.1, which is taken from International Energy Outlook 

2020 [1] clearly shows that around 25 percent of the total energy consumption will be 

from the transport sector. Figure 1.2, which is again taken from International Energy 

Outlook 2020 [1] shows that more than 80% of the transportation sector will still use 

petroleum and other liquid fuels in the year 2050 as the primary energy source [1]. One 

can argue to use a diesel engine due to its high fuel conversion efficiency, robustness, and 

dependability; however, the diesel engine has its disadvantage of producing pollutants 

like particulate matter (PM) and oxides of nitrogen (NOx) emissions, which are very 

difficult to reduce simultaneously without incurring a fuel penalty using conventional 

combustion strategies. To reduce these pollutants, it is required to use after-treatment 

devices. These after-treatment devices increase the complexity of maintenance are 

expensive and have penalties on fuel consumption. This brings the necessity of using 

advanced combustion strategies to increase efficiency and decrease engine-out pollutants 

because of the compelling need to reduce the global carbon footprint. Of such advanced 

combustion strategies that can achieve diesel-like efficiency with low emission is low-

temperature dual fuel combustion [2,3]. There are several dual fuel combinations 
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available like diesel-, propane, gasoline, natural gas (NG)-polyoxymethylene dimethyl 

ethers (PODE), among others. Out of this natural gas-diesel is a leading choice of fuel 

combination since the US is an exporter of natural gas, due to widespread availability of 

natural gas, and forecasted continuous growth of natural gas production [1]. Natural gas 

(methane is a major constituent of natural gas.)-diesel internal combustion engines offer 

the opportunity of reducing NOx and PM emissions simultaneously;  however, it has its 

challenges of high cyclic variation and high hydrocarbon and carbon monoxide emissions 

at low loads Methane emissions are a major concern since methane has a global warming 

potential 25 times greater than that of CO2 over 100 years [4]. Clearly, it is necessary to 

decrease hydrocarbon and carbon monoxide emissions from diesel-methane dual fuel 

engines. This dissertation provides insights into the nature of cyclic combustion 

variations and advances a CFD model to discuss the Spatio-temporal evolution of 

hydrocarbon and carbon monoxide emissions that might originate in diesel-methane dual 

fuel combustion, particularly at low loads, and some possible mitigation strategies.     

 

Figure 1.1 Energy consumption by different sector [1]  
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Figure 1.2 Fuel type consumption by the transport sector [1]  

1.2 Why investigate cyclic combustion variation in dual fuel low-temperature 

combustion? 

While most conventional combustion processes such as neat diesel combustion 

can be explained using cycle-averaged cylinder pressure and combustion energy release 

schedules, advanced combustion strategies such as RCCI and dual fuel LTC exhibit 

significant cycle to cycle variations which influence engine-out emissions and overall 

thermal efficiencies. Figure 1.3 shows a cartoon of diesel-methane/NG dual fuel LTC.  

The figure shows the mechanism by which simultaneously beneficial outcomes - high 

efficiencies and low NOx and PM emissions are achieved with dual fuel LTC. Cyclic 

variations influence these outcomes in the following ways.  

1) The robustness of distributed ignition centers is influenced by local fluid 

dynamics, which determines how well the diesel fuel is dispersed in the combustion 

chamber 
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2) Faster burn rates are dictated by both robustness of ignition and 

subsequent reactivity stratification, which depends on local temperatures, and Spatio-

temporal distribution of diesel and methane  

3) The state of in-cylinder charge influences the fate of how well combustion 

proceeds, and the ultimate ability to achieve low engine-out emissions 

The dissertation uses experimental data and analyses to describe the nature of dual 

fuel combustion and the nature of cyclic variations in chapters 2 and 3. 

 

 

Figure 1.3 Low-temperature dual fuel engine concept [5]  
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1.3 Why develop a dual fuel low temperature combustion CFD model?  

While the first two-thirds of the dissertation presents experimental data analysis to 

understand the nature of dual fuel LTC and cyclic combustion variations; the complete 

mechanism of duel fuel combustion including (1) entrainment of methane-air into high 

pressure diesel spray, (2) subsequent low temperature chemistry of diesel autoignition 

and (3) the high temperature oxidation of methane, which eventually decides the fate of 

engine-out emissions can be understood using a validated CFD model. The last part of 

the dissertation discusses the development and validation of a RANS-based CFD model, 

which is used to gain useful insights into the aforementioned phenomena. The validated 

CFD model is further employed for parametric investigations to explore strategies to 

mitigate unburned HC and CO emissions from dual fuel combustion, particularly at low 

engine loads. 

1.4 Organization of Dissertation  

This The dissertation is organized as follows: 

Å In Chapter 2, the impact of methane energy fraction (MEF) on early 

injection timing dual fuel ignition and combustion, performance, and emissions at 3.3 and 

5.0 bar BMEPs is analyzed. To analyze the impact of MEF on cyclic variations in early 

injection dual fuel combustion at 3.3 and 5.0 bar BMEPs. The results of this study have 

been published in the IJER journal titled as ñImpact of methane energy fraction on 

emissions, performance and cyclic variability in low-load dual fuel combustion at early 

injection timingsò [6]. 

Å Chapter 3 of this dissertation investigates the effect of reactivities of 

different low-reactivity fuels including, methane, propane, and gasoline on average and 
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cyclic combustion at different diesel SOIs at low load operation. It also characterizes the 

challenges and opportunities that these fuel combinations present and present possible 

strategies to mitigate cyclic combustion variations for each fuel combination. The results 

of this study are under review titled as ñImpact of Low Reactivity Fuel Type on 

Performance, Emissions and Cyclic Variations in Dual Fuel Low Temperature 

Combustion ñ 

Å In Chapter 4, CFD investigation is performed to further explain the nature 

of dual fuel combustion. In this chapter a validated CFD model is used to obtain insights 

on, (i) how methane impedes diesel autoignition in dual fuel LTC, (ii)Spray targeting 

strategies to explore the reduction of engine-out hydrocarbons and carbon monoxide 

emissions and enhancement of fuel conversion efficiency at low load engine operation.   

Å Chapter 5 provides recommendations for future work.  
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IMPACT OF METHANE ENERGY FRACTION (MEF) ON EMISSIONS, 

PERFORMANCE AND CYCLIC VARIABILITY IN LOW LOAD DUAL FUEL 

COMBUSTION AT EARLY INJECTION TIMINGS  

2.1 Abstract 

The present work experimentally examines the effect of methane (a natural gas 

surrogate) substitution on early injection dual fuel combustion at representative low loads 

of 3.3 and 5.0 bar BMEP in a single cylinder, compression ignition engine. Gaseous 

methane fumigated into the intake manifold at various methane energy fractions (MEF) 

was ignited using a high pressure diesel pilot injection at 310 CAD. For the 3.3 bar 

BMEP, MEF sweeps from 50-90% were performed; while at 5.0 bar BMEP, MEF 

sweeps from 70-90% were performed. It is observed that minimum MEF is limited by 

maximum pressure rise rate (MPRR) leading to knock and maximum MEF is limited by a 

high coefficient of variation in netIMEP (COVIMEPnet), which leads to high cyclic 

variations. For 3.3 bar BMEP, MPRR is 8 bar/CAD at 50% MEF while at 5 bar BMEP, it 

is 12 bar/CAD at 70% MEF. For 3.3 bar BMEP engine-out NOx emissions decrease by 

43 times when MEF increase from 50% to 90% and it decreases by nearly 46 times when 

MEF increases from 70% to 90% at 5 bar BMEP. Engine-out UHC emissions increases 

by nearly 9 times when MEF increases from 50% to 90% at 3.3 bar BMEP and it 

increases by nearly 5 times when MEF increases from 70% to 90% at 5 bar BMEP. 



 

9 

Engine-out CO emissions increases by nearly 7 times when MEF increases from 50% to 

90% at 3.3 bar BMEP and by nearly 5 times when MEF increases from 70% to 90% at 5 

bar BMEP. Additionally, cyclic combustion variations at both loads were analyzed to 

obtain further insights into the combustion process and identify opportunities to further 

improve fuel conversion efficiencies at low load operation. 

2.2 Introduction  

According to international energy outlook 2018, more than 80% of the transportation 

sector will still use petroleum and other liquid fuels in the year 2040 as a source of 

energy [1]. It is crucial to use advanced combustion strategies to increase efficiency and 

decrease engine-out pollutants because of the compelling need to reduce the global 

carbon footprint. Some of the advanced combustion strategies that are being currently 

pursued by researchers include, homogeneous charge compression ignition (HCCI) [2, 3], 

partially premixed combustion (PPC) [4, 5], gasoline compression ignition combustion 

(GCI) [6, 7], premixed mixture ignition in the end gas region (PREMIER) [8] pre-

chamber jet ignition [9,10] and reactivity controlled compression ignition (RCCI) [11]. 

Most of these advanced combustion strategies experience efficiency-emissions-power 

density trade-offs and achieving an optimal balance is a challenging engineering exercise. 

Some work has been performed to achieve high efficiencies in combustion engines 

utilizing advanced combustion concepts with minimized heat losses using thermal barrier 

coatings [12, 13, 14, 15]. Johnson et al. [16] has shown computationally, it is possible to 

achieve brake fuel conversion efficiencies (BTE) of up to 59.5 % in IC engines using 

both mechanical and thermal regeneration. Similarly, participants in the Super Truck 

program launched by the United States Department of Energy (USDOE) to improve the 
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BTEs of heavy duty diesel engines (HDDE) that power 18-wheeler trucks, which account 

for 70 percent of all freight tonnage in the United States, were able to demonstrate BTEs 

in excess of 50% on a dynamometer [17]. Encouraged by the performance in Super 

Truck, a second phase, Super Truck II [18] was announced, which aims to achieve further 

improvements in BTE of up to 55%. More recently, Achates Power [19] has 

demonstrated a unique two-stroke, compression ignition engine architecture, which 

employs the opposed piston concept that greatly minimizes heat transfer losses from the 

cylinder head to realize 30% increase in BTE compared to similar sized, crank and slider 

driven conventional engine powertrains. Similarly, Pinnacle Engines using a four-stroke, 

110 cc, opposed piston concept were able to greatly reduce NOx emissions at a 

reasonable fuel economy [20]. Several researchers have also been using alternative fuels 

in IC engine like natural gas, propane, ethanol, biodiesel, etc. [21-25] to achieve high 

thermal efficiency and low engine-out emissions. Natural gas is emerging as a leading 

choice for alternative fuels because of renewed interest in shale gas extraction, and its 

utilization is predicted to increase steadily over time and reach 39% of US energy 

production by 2050 [26]. Natural gas as an alternative fuel for internal combustion 

engines offers new opportunities for reducing oxides of nitrogen (NOx) and particulate 

matter (PM) emissions albeit with persisting challenges vis-à-vis higher unburned 

hydrocarbon (UHC) and carbon monoxide (CO) emissions. High UHC and CO 

emissions, particularly at low engine loads, are attributed natural gas trapped in crevices 

and to lower reactivity of natural gas leading to flame quench [21, 22, 27, 28, 29].  

Dual fuel combustion where a highly reactive fuel (usually with higher propensity for 

autoignition) is used to ignite a predominantly lean, premixed mixture of air and a fuel 
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with lower reactivity (usually with a lower propensity to auto ignite) such as RCCI [11] 

and dual fuel low temperature combustion (LTC) with natural gas modes [21] exhibit 

significant cyclic combustion variations, particularly at high natural gas substitutions 

[30]. Cyclic variations have been extensively characterized in SI engines. Young [31] 

presents a detailed literature review on cyclic variations in SI engines, which lists many 

studies as early as the 1960s. A more practical analysis of SI engine cycle-to-cycle 

variations was performed by Matekunas [32]. In particular, he found there are fast and 

slow burn cycles both with lean burn operation and increased spark advance. For lean 

operation, cyclic variability of combustion was attributed to either inadequate flame 

propagation or inadequate flame initiation by the spark. A very important conclusion of 

this study was that not all cycles that registered a successful ignition event resulted in a 

successful flame propagation event. The ultimate impact of cyclic combustion variability 

is to produce variations in indicated mean effective pressure (IMEP) so large as to affect 

drivability. Srinivasan et al. [30] developed Matekunasô idea further in the context of dual 

fuel engine combustion. They categorized fast-burn, and slow-burn cycles based on crank 

angle corresponding to maximum firing pressure (CAPmax), maximum firing pressure 

(Pmax) and crank angle corresponding to 50% cumulative heat release (CA50) or 

combustion phasing. They found that for micro-pilot ignited natural gas combustion at 

advanced diesel injection timings e.g. 300 crank angle degrees (CAD), the variations in 

ignition CAD (CA5) significantly affected combustion phasing (CA50) variations, which 

eventually led to slow- and fast-burn cycles. Klos et al. [33] investigated sources of 

combustion instability in diesel-gasoline RCCI combustion and attributed variations in 

trapped gas temperature, PFI mass, DI mass and EGR% as main causes of combustion 
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variability. Dong et al. [34] performed cyclic variability of ethanol/diesel and the result 

showed that combustion was sensitive to a premixed ethanol/diesel ratio, especially at 

low load conditions. Similarly, Dong et al. [35] compared cyclic variability of 

gasoline/diesel and ethanol/diesel fuel combustion and found fluctuations in the 

combustion of premixed fuels contributed to higher cyclic variation. Gong et al. [36] 

evaluated cycle-to-cycle combustion variations in direct injection spark ignition (DISI) 

engine fueled with methanol. They found methanol DISI engine cycle-to-cycle 

combustion is affected by injection and ignition timings, engine load and speed, 

compression ratio and injector configuration. Similar cycle-to-cycle combustion 

variations and their impact on different engine operating parameters were studied by 

several researchers [37-39]. Selim [37] observed cycle variability highly depends on both 

mass and type of gaseous fuel used. He also observed with increasing engine speed cyclic 

variability and combustion noise decreases. Tuner et al. [38] indicate that spatial 

inhomogeneities in in-cylinder charge leads to more stable engine operation and less 

cyclic variations. Srinivasan et al. [39] postulate, inconsistency in ignition quality arising 

from inconsistencies in local diesel-air mixing leading to variation in combustion 

development can be one of the limiting factors for cyclic variation. Jupudi et al. [40] 

performed CFD simulations for cycle-to-cycle variations in a dual fuel combustion 

engine. One of their goals was to quantify and prioritize the factors that led to cycle-to-

cycle variability. Variability on the start of diesel injection and diesel flow rate were top 

factors affecting cycle-to-cycle variability. Conventionally cycle-to-cycle variation in an 

engine is regarded as stochastic in nature. But early research by Kantor [41] and Martin 

[42] showed that cyclic variations in engines have both stochastic and deterministic 
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characteristics. Finney et al. [43] emphasize that understanding the deterministic and 

chaotic patterns in cyclic combustion are essential for both design and control. They also 

explained that the design of a feedback control loop is possible for controlling 

deterministic patterns of cyclic combustion. Yao et al. [44] show using simulations that 

MPRR and COVIMEP at specific loads can be controlled using in-cylinder pressure 

based closed-loop control algorithm.  

The present work experimentally examines the effect of methane (a natural gas 

surrogate) substitution on early injection timing dual fuel combustion at representative 

low loads in a single cylinder, compression ignition engine. Specific objectives of this 

work include: 

1. To analyze the impact of methane energy fraction (MEF) on early injection timing 

dual fuel ignition and combustion, performance and emissions at 3.3 and 5 bar 

BMEP 

2. To analyze the impact of methane energy fraction (MEF) on cyclic variations in 

early injection dual fuel combustion at 3.3 and 5 bar BMEP 

2.3 Experimental setup  

The A single cylinder research engine (SCRE) was used to perform all experimental 

work explained in this paper. Figure 2.1 shows a schematic of the experimental setup of a 

single cylinder research engine in a test cell. Engine specifications are listed in Table 2.1. 

The engine was connected to a 250 hp AC regenerative engine dynamometer. Engine 

speed was controlled using Dyne Systems Inter-Loc V and torque was controlled by 

supplying an appropriate amount of diesel and methane to have a desired level of fuel 

split on an energy basis. The methane flow rate was controlled using the electronic 
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control needle valve (Hanbay, Inc., Model MCM-050AB) to fumigate into the intake 

manifold of the engine. Diesel was directly injected in-cylinder using Bosch CP3 

common-rail diesel injection pump and a solenoid-actuated injector while control of 

crank angle resolved diesel injection was achieved using a Drivven (National 

Instruments) stand-alone diesel injection (SADI) driver coupled with CALVIEW 

software. To provide compressed air to the engine intake manifold, an external air 

compressor (Atlas Copco Model GA75) and a desiccant air dryer (Atlas Copco Model 

CD 250) were employed. Kistler model 6052C pressure sensor and a Kistler 5010B type 

charge amplifier were utilized to obtain in-cylinder pressure measurements and a hall-

effect-based needle lift sensor (Wolff Instruments, Inc.) was used to obtain injector 

needle lift. Both of these sensors were phased with respect to crank angle using an 

incremental shaft encoder (BEI Model XH25D-SS-3600-ABZC-28V/V-SM18) with a 0.1 

crank angle degree (CAD) resolution (i.e., 3600 pulses per revolution) coupled to the 

engine crankshaft. In this paper absolute crank angle convention will be used; i.e., 0 CAD 

refers to gas exchange TDC while 360 CAD refers to compression TDC. Table 2 

provides details of instruments used to measure important parameters and their make and 

accuracies. For this experiment engine synchronous data (crank-resolved data such as 

cylinder pressure and needle lift), was recorded over 1000 consecutive cycles and an 

intake manifold absolute pressure sensor (SETRA 209) was used to peg the cylinder 

pressure data at intake valve closure (IVC). Similarly, engine-asynchronous data (i.e., 

steady state data such as temperatures, mass flow rates, manifold pressures, etc.) were 

recorded and averaged over 60 s. 
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Figure 2.1 Experimental setup of the single cylinder research engine  

 

Table 2.1 Engine specifications and operating conditions 

(Note: *0 CAD refers to gas exchange TDC while 360 CAD refers to compression TDC) 

Parameter Value 

Engine type Single cylinder research engine,    

compression-ignition 

Bore × Stroke 128 mm × 142 mm 

Connecting rod length 228 mm 

Displaced volume 1827 cm3 

Compression ratio (nominal) 17.1: 1 

Intake valve open  

Intake valve close  

Exhaust valve open  

Exhaust valve close  

32 CAD* 

198 CAD* 

531 CAD* 

14 CAD* 

Diesel fuel injection system CP3 Bosch common rail 

Methane fuel system Fumigation into intake manifold 

Maximum speed 1900 rpm 

Injector hole diameter 0.197 mm 
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Table 2.2 Details of Experimental Measurements devices  

Data Type Make/Model Type Unit Accuracy 

Temperature 

intake, exhaust, 

etc. 

Omega K-type ºC °0.75% of reading 

Air mass flow Flowmaxx Sonic orifice kg/h °0.1% of reading 

Diesel mass flow Micro Motion Coriolis kg/h 0.35% of reading 

Methane mass 

flow 

Micro Motion Coriolis kg/h 0.56% of reading 

Smoke AVL 415S Filter FSN 0.001 of reading 

NOx and NO ESA EGAS 2M CLD ppm <1% of full scale 

THC ESA EGAS 2M FID ppm <0.5% of full scale 

CO ESA EGAS 2M NDIR % <1% of full scale 

CO2 ESA EGAS 2M NDIR % <1% of full scale 

O2 ESA EGAS 2M MPA % <1% of full scale 

Cylinder pressure Kistler 6052C Piezoelectric bar °0.005 of reading 

Pressures (intake, 

exhaust, etc.) 

Setra Model 209 Capacitance psig °0.25% of full scale 

 

2.4 Experimental procedure  

For diesel-methane dual fuel combustion, methane energy fraction (MEF) sweeps 

were performed at two loads of 3.3 and 5.0 bar BMEP. For the 3.3 bar BMEP, MEF 

sweeps from 50-90% were performed while at 5.0 bar BMEP MEF sweeps from 70-90% 

were performed. The following parameters were kept constant throughout these 

experiments: engine speed at 1,500 rpm, rail pressure at 500 bar, boost pressure at 1.5 

bar, and the start of diesel injection at 310 CAD. Operating conditions are summarized in 

Table 3. Carbon balance was performed for each experiment and is shown in Figure 2.2 

for both 3.3 and 5 bar BMEP. In this Figure, the fuel-air equivalence ratios calculated 

from fuel and airflow rates entering the engine are compared to the fuel-air equivalence 

ratio estimated from engine-out raw emissions (SAE J1003). Data is considered of good 

quality if these measurements fall within 5% of each other. All the values in Figure 2.2 
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for 5 bar BMEP fall within the °5 percent tolerance limit assuring good quality of 

measured data. An exception is in Figure 2.2a for 90% MEF at 3.3 bar where it can be 

noted that equivalence ratio (measured from engine-out raw emissions data) and 

equivalence ratio (measured from air and fuel flow rate) doesnôt fall within °5 percent 

band. This is because the measured values of the HC emissions exceeded the operational 

limit of the HC analyzer (i.e., above 10000 ppm for the FID). As for all other cases this 

ratio is within °5 percent tolerance level so air and fuel flow rate value can be trusted to 

approximate HC engine out emissions. So, for 90% MEF, HC emissions were 

recalculated maintaining emissions f within ° 5 percent of the equivalence ratio (f) 

measured from the air and fuel flow rates. Detailed procedure of this methodology can be 

found in Raihan [45].  

  

Table 2.3 Operating conditions  

 

 

 

 

Parameter Value 

Engine speed (rpm)  1500 

Engine load (bar)  3.3 and 5 (BMEP)  or 5 and 7 bar (IMEP) 

Rail pressure(bar)  500 

Boost pressure (bar)  1.5 

Methane energy fraction (%) 

 50, 60, 70, 80 and 90 for 3.3 bar BMEP 

 70, 75, 80, 85 and 90 for 5 bar BMEP 

Start of injection (CAD)  310 

Intake manifold temperature 

(°C)  35 +/- 5  

Oil temperature (°C)  80 +/- 5 

Coolant temperature (°C)  80 +/- 5 

EGR (%)  0 (No EGR used) 
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Figure 2.2 Equivalence ratio (measured from engine-out raw emissions data) versus 

equivalence ratio (measured from air and fuel flow rate ratio) for various 

MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 

310 CAD  

2.5 Impact of MEF on dual fuel ignition, combustion, performance and 

emissions 

Figure 2.3 shows cylinder pressure histories for (a) 3.3 bar and (b) 5bar BMEP at 

different methane energy fractions (MEF) at 310 CAD diesel injection timing. For both 

BMEPs, with a decrease in MEF (i.e. increase in diesel energy fraction (DEF)) magnitude 

of peak in-cylinder pressure increases from 80 bar at 90% MEF to 121.2 bar at 50% MEF 

at 3.3 bar BMEP and from 93 bar at 90% MEF to 140 bar at 70% MEF at 5.0 bar BMEP.  

Figure 2.4 shows MPRR and COVIMEPnet at 3.3 and 5.0 bar BMEP at various 

MEFs. With an increase in MEF, MPRR decreases, and COVIMEPnet increases. For 3.3 

bar, MPRR decreases from 8.2 to 2 bar/CAD when MEF increases from 50% to 90%, and 

COVIMEPnet increases from 1.5% to 13.4% when MEF increases from 50% to 90%. At 

5 bar BMEP, MPRR decreases from 12 to 2 bar/CAD when MEF increases from 70% to 

90%, and COVIMEPnet increases from 1.5% to 3.9% when MEF increases from 70% to 



 

19 

90%. From these observations, maximum diesel energy fraction (DEF) is limited by 

MPRR leading to knocking-like combustion, and minimum DEF is limited by high 

COVIMEPnet characterized by high cyclic variability. 

 

Figure 2.3 In-cylinder pressure histories for various MEFs at (a) 3.3 bar and (b) 5.0 bar 

BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD  

 

Figure 2.4 MPRR and COVIMEPnet histories for 3.3 and 5.0 bar BMEPs at various 

MEFs at N= 1500 rpm, Pin = 1.5 bar, SOI = 310CAD. 
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Figure 2.5 shows the apparent heat release rate (AHRR) trends for both 3.3 and 5.0 bar 

BMEP at various MEFs at 310 CAD injection timing. AHRRs at all MEFs constitute a 

distinct high-temperature heat release (HTHR) and low-temperature heat release (LTHR) 

phase except at 90% MEF at both BMEPs where the LTHR is negligible. In these 

experiments, the onset of LTHR is defined by the first occurrence of a slope change in 

AHRR after SOI, and the onset of HTHR is defined by the first occurrence of a slope 

change in AHRR after LTHR if any. The magnitude of peak LTHR increases with a 

decrease in MEF. To understand this further crank angle resolved bulk gas temperatures 

are plotted in Figure 2.6 for both 3.3 bar and 5 bar BMEP. LTHR is a feature of fuels that 

exhibit a two-stage heat release, e.g., diesel, n-heptane, etc. [18, 29, 46]. In these 

experiments, LTHR was observed at a temperature range around 750 to 900 K at engine-

relevant conditions, which is similar to observations reported by Szybist et al at engine-

relevant conditions for diesel and diesel surrogates [47]. In Figure 2.6, with increasing 

MEF, the onset of LTHR is progressively delayed. Figure 2.7 shows (onset of LTHR ï

EOI) and (onset of HTHR ï EOI) in milliseconds for (a) 3.3 bar and (b) 5 bar BMEP at 

various MEFs. It is evident from Figure 2.7 that for 3.3 bar BMEP, the shortest time after 

EOI to the onset of LTHR occurs for 50% MEF; thereafter, the onset of LTHR is delayed 

with increasing MEF.  
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Figure 2.5 AHRR histories for various MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, 

N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 

 

 

Figure 2.6 Bulk gas temperature histories and onset of LTHR and onset of HTHR for 

various MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, 

SOI = 310  CAD. 
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Figure 2.7 (Onset of LTHR ïEOI) and (onset of HTHR ï EOI) histories for various 

MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 

310 CAD (please note: there is no appreciable LTHR for 90% MEF at both 3.3 

and 5 bar BMEP; therefore there is no data point for LTHR-EOI for both loads 

at 90% MEF) 

To further analyze the delayed onset of LTHR with increasing MEF, zero-

dimensional simulations in a perfectly stirred reactor were performed using the 

POLIMI_RED mechanism [48] at engine relevant conditions. As indicated in Table 4, 

four equivalence ratio combinations starting with neat n-dodecane (with a fixed amount 

of dodecane, indicated by an overall equivalence ratio of 0.3) with progressively 

increasing amounts of methane addition (reflected by higher overall equivalence ratios) 

were chosen for these simulations. The simulations were performed at a pressure of 28 

bar and temperature of 810 K corresponding to the onset of LTHR from experiments at 

3.3 bar and 50% MEF. The POLIMI_RED mechanism with 96 species and 993 reactions 

reduced from the detailed mechanism POLIMI_TOT with 1407 species [48] was used in 

our zero-dimensional investigations based on the rationale that it was used recently by 

Kahila et al. [49] to investigate the dual fuel ignition process in an LES framework 
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wherein a high pressure n-dodecane spray was injected into a premixed methane-air 

mixture at different equivalence ratios. They found that the POLIMI_RED mechanism 

had the relevant reaction pathways that represented the low-temperature methane 

oxidation process, and therefore could be used without further modification within the 

dual fuel framework. Their numerical studies further corroborated the experimental 

investigations by Srna et al. [50], who observed that in dual fuel combustion, the 

presence of methane delayed the autoignition of diesel fuel. Figure 2.8 shows the time 

evolution of the volumetric heat production rate (Qdotvol) during the LTHR phase at 

various equivalence ratios. Three observations are evident from Figure 2.8. First, the 

onset of volumetric heat release is progressively delayed with the addition of methane, 

which verifies the observations made by both Srna et al. [50] and Kahila et al. [49] that in 

dual fuel combustion, methane delays the autoignition of diesel. Second, the 

concentration of NC12H24O3 is observed to decrease in proportion to methane addition 

indicating that methane clearly influences the low-temperature n-dodecane 

decomposition pathway. Third, the magnitude of volumetric heat release is maximum for 

the neat n-dodecane case (with phi = 0.3) and is observed to decrease in proportion with 

increasing methane addition. This indicates that while methane may not contribute 

positively to the heat release during the LTHR period, it does play a significant role in 

suppressing the magnitude of heat release, all of which appear to be from n-dodecane.  
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Table 2.4 Zero-dimensional PSR simulations at P = 28 bar, T = 810 K to investigate 

impact of MEF on dodecane LTHR  

 Dodecane 

equivalence 

ratio  

Overall 

equivalence 

ratio  

Temperature Pressure Ignition 

delay 

   K kPa s 

Case1 0.3 0.3 810 2800 3.28E-03 

Case2 0.3 0.4 810 2800 3.66E-03 

Case3 0.3 0.5 810 2800 4.21E-03 

Case4 0.3 0.6 810 2800 4.84E-03 

 

 

 

Figure 2.8 Time evolution of NC12H24O3 and volumetric heat production (Qdotvol) rate 

histories for various equivalence ratio at Pinitial =28 bar, TInitial =810K. 

 

The additional insight from zero-dimensional modeling affords a deeper examination 

of the nuances of dual fuel combustion. For instance, from Figures 2.6 and 2.7, it is seen 

that at both engine loads with increasing MEFs the magnitude of LTHR decreases and is 

accompanied by a commensurate delay in HTHR onset. In Figure 2.7, the (Onset of 
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LTHR ïEOI) and (Onset of HTHR ï EOI) lines are converging with decreasing MEF 

further corroborating the fact that larger LTHR magnitudes result in smaller separation 

between the onset of LTHR and the onset of HTHR. Another interesting observation 

from Figure 2.5 is that the peak of HTHR for 90% and 80% MEF at 3.3 bar BMEP 

occurs after TDC while it occurs before TDC for all other MEFs. Similarly, at 5 bar 

BMEP the peak of HTHR for 90% MEF occurs after TDC while it occurs before TDCs 

for all other MEFs. The reason for this behavior is analyzed further in Figure 2.9, where 

CA5, CA50 and CA5-90 trends for 3.3 and 5 bar BMEPs are discussed. By definition 

CA5 represents the crank angle corresponding to 5 percent cumulative HTHR and CA50 

corresponds to the crank angle corresponding to 50 percent cumulative HTHR. CA5-90 

represents the crank angle duration elapsed between CA5 and CA90; we refer to this as 

combustion duration throughout the rest of the paper. With an increase in DEF, 

combustion duration (CA5-90) shortens for both BMEPs. This can be attributed to the 

fact that with more diesel, there is a greater degree of charge stratification, which helps 

accelerate local reaction rates resulting in faster burn rates. With increasing MEF, the 

magnitude of LTHR is observed to decrease. As a consequence, CA5 is further removed 

from the diesel SOI. A delayed CA5 results in a delayed CA50. The other useful 

observation from Figure 2.9 is the linear behavior of both CA5 and CA50 with increasing 

MEF. Wagner et al. [51] report the increasing loss of combustion control under RCCI 

conditions with greater injection advance of the higher reactivity fuel. Since the diesel 

SOI is held constant at 310 CAD throughout this study, this linear trend of CA5 and 

CA50 allows for the usage of MEF as a viable control lever (all other factors, including 
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EGR and boost pressure being constant) to dictate the nature of combustion and perhaps 

steer it towards higher thermal efficiencies. 

 

 

Figure 2.9 CA5, CA50 and CA10-90 histories for various MEFs at (a) 3.3 bar and (b) 5.0 

bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 

 

Figure 2.10 and Figure 2.11 shows combustion and indicated fuel conversion 

efficiencies, at 3.3 and 5 bar BMEP, respectively. Combustion efficiency decreases with 

increasing MEF for both 3.3 and 5 bar BMEP. Since methane delays diesel autoignition, 

there is a greater residence time for diesel to disperse and mix with the methane-air 

mixture thereby reducing the degree of in-cylinder charge stratification. This 

compromised ñdegree of charge stratificationò results in sub-optimal ñdistributed 

ignitionò leading to slower methane combustion rates and reduced combustion 

efficiencies. As the load is increased from 3.3 bar to 5 bar BMEP combustion efficiency 

increases for the same MEF as fuel-air equivalence ratio increases. Indicated fuel 

conversion efficiencies first increase, attain a maximum value and thereafter either are 
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invariant at 3.3 bar BMEP or further decrease at 5 bar BMEP with decreasing MEFs. To 

understand this trend, it is necessary to consider competing effects, viz., CA50 

(combustion phasing), CA5-90 (combustion duration), cylinder-averaged heat transfer 

rates, and relative magnitudes of compression and expansion work. For instance, at 3.3 

bar, the IFCE remains at 44% between 50-70% MEF. At these conditions, CA50 occurs 

early in the compression stroke and combustion is essentially complete in the 

compression stroke. This implies greater compression work against a rapid combustion 

that is characterized by very short (CA5-90) burn durations. This also means the bulk of 

the expansion work occurs when cylinder pressures are relatively high. At the same time, 

the heat transfer rates are expected to be high since the bulk of the heat transfer occurs 

close to TDC. Clearly, there is a complex interplay of competing influences with the most 

dominant effect being that of the relatively high magnitude of the expansion work, which 

likely outweighs the negative effects of both increased heat transfer and compression 

work. Similar observations are in order at 5 bar BMEP with one notable exception. The 

IFCE is observed to decrease from 46% to 44% when MEF decreases from 75% to 70%. 

At this condition, the MPRRs are extremely high resulting in ñknocking-likeò 

combustion. Therefore, heat transfer rates are expected to be erratic at this condition 

resulting in reduced IFCE. On the other hand, the IFCE trends are intuitive at high MEFs 

at both loads and can be attributed to poor combustion efficiencies. 
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Figure 2.10 Percentage distribution of combustion, indicated fuel conversion efficiencies 

for various MEFs at 3.3 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 

CAD  

 

Figure 2.11 Percentage distribution of combustion, indicated fuel conversion efficiencies 

for various MEFs at 5 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 
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Figure 2.12 shows ISHC, ISCO and ISNOx trends for various MEFs at (a) 3.3 and 

(b) 5 bar BMEP. For 3.3 bar BMEP ISHC and ISCO increases exponentially with 

increasing MEF. ISHC increases from 8.8 g/kWh at 50% MEF to 78.3 g/kWh at 90% 

MEF. Similarly, ISCO increases from 3.8 g/kWh at 50% MEF to 25.5 g/kWh at 90% 

MEF at 3.3 bar BMEP. Similar trends are observed for ISHC and ISCO for 5 bar BMEP 

where ISHC increases exponentially from 7.4 g/kWh at 70% MEF to 35.5 g/kWh at 90% 

MEF and ISCO increases from 1.4 g/kWh at 70 MEF to 7.2 g/kWh at 90% MEF. 

Unburned methane trapped in the cervices [52,53,54], bulk quenching around cylinder 

walls [55] and unstable operation (characterized by high COVIMEPnet [56, 57]) are the 

main contributors to high engine-out hydrocarbons in dual fuel combustion. Rapid 

increase of ISHC for 3.3 bar BMEP from 80% to 90% MEF is correlated with the rapid 

increase in cyclic combustion variations as represented by a sharp increase in 

COVIMEPnet from 2.6% at 80% MEF to 13.4% at 90% MEF. ISHC for 50% MEF at 3.3 

bar BMEP and 70% MEF for 5 bar BMEP are almost the same indicating the majority of 

ISHC for these two cases can be attributed to crevice-trapped hydrocarbons. To explain 

this, consider the 70% MEF case at 5 bar BMEP. For this case (1) bulk gas temperatures 

are high for longer durations as seen in Figure 2.13 (2) cyclic variability is minimum as 

seen from COVIMEPnet in Figure 2.4. These observations indicate that oxidation of 

hydrocarbons should have occurred if they were within the combustion chamber as 

evidenced by high combustion efficiencies (94-96%) at this condition; however, in these 

cases it is very likely that the crevice-trapped hydrocarbons enter the cylinder during the 

late expansion stroke when the bulk gas temperatures are significantly reduced. 

Collectively, these observations further lend credence to the fact that crevice-trapped 
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hydrocarbons are a major source of engine-out hydrocarbon emissions in early injection 

dual fuel combustion. For both loads, ISCO emissions are observed to increase with 

increasing MEF. CO formation and oxidation are governed by chemical kinetics. CO 

formation is an important intermediate step in hydrocarbon combustion and its oxidation 

requires OH radicals and high bulk gas temperatures [58]. At high MEFs, as seen from 

Figure 2.13, bulk gas temperatures are considerably lower throughout the expansion 

process as a consequence engine-out CO emissions are higher. 

NOx formation is dependent on local equivalence ratios, local combustion 

temperatures and residence times. For both engine loads, ISNOx emissions decrease 

exponentially with increasing MEF from 3.44 g/kWh at 50% MEF to 0.08 g/kWh at 90% 

MEF for 3.3 bar BMEP, as shown in Figure 2.12. The (Onset of HTHR-EOI) decreases 

with decreasing MEF indicating that the time available for diesel to mix with the in-

cylinder charge is reduced. This leads to more robust autoignition of injected diesel, 

earlier onset of HTHR more stratified, faster combustion. As a consequence of the more 

stratified combustion, local temperatures are higher; thereby, promoting higher NOx 

formation rates. At higher MEFs, diesel is comparatively well dispersed in the in-cylinder 

charge, which results in less stratified but slower combustion. As a consequence of the 

reduced stratification, local temperatures are lower, and thereby, result in reduced NOx 

formation rates. Another important factor that aids NOx formation is residence time, i.e., 

how long (relative to combustion duration) higher temperatures persist. It can be noted 

from Figure 2.13 and Table 2.5, majority of combustion occurs during the compression 

phase at lower MEFs resulting in higher local temperatures persisting for relatively 

longer durations; thereby, resulting in higher ISNOx emissions.  
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Table 2.5 Crank angle degrees where SOI, EOI and, onset of HTHR occurs for 3.3 

and 5 bar BMEP at N=1500 rpm, Pin=1.5 bar (** denotes negligible 

LTHR) 

MEF BMEP SOI Injection 

Duration 

(EOI-SOI) 

Onset of 

LTHR ï EOI 

Onset of 

HTHR-EOI 

% bar CAD CAD CAD CAD 

50  

 

3.3  

 

 

 

 

310 

11.7 12.1 18.6 

60 10.4 15.1 21.7 

70 9.4 17.1 24.0 

80 8.2 19.2 27.8 

90 7.3 **  30.8 

70  

 

5 0 

11.0 11.2 17.8 

75 9.6 15.3 22.2 

80 9.0 17.1 24.2 

85 8.0 19.3 26.7 

90 7.1 **  30.9 

 

 

 

 

Figure 2.12 ISHC, ISCO and ISNOx histories for various MEFs at (a) 3.3 bar and (b) 5.0 

bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 
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Figure 2.13 Bulk Temperature histories for various MEFs at (a) 3.3 bar and (b) 5.0 bar 

BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 

2.6 Impact of MEF on cyclic variations 

Figures 2.14 and 2.15 show cycle-to-cycle variations of crank-resolved AHRR and 

cylinder pressure over 1000 individual cycles at 3.3 bar and 5 bar BMEP, respectively. 

We can observe from both Figures 2.14 and 2.15, with an increase in MEF cyclic 

variation increases (as indicated by the smearing of the peak pressure magnitude from 

engine cycle to another). The increase in cyclic variations with an increase in MEF can be 

due to a decrease in overall reactivity of charge, as methaneôs reactivity is lower than that 

of diesel. We can also observe cycle by cycle variations decrease with increase in engine 

load from 3.3 bar to 5 bar BMEP. This can be attributed to the fact that with an increase 

in engine load overall fuel amount increases thus increasing overall fuel reactivity and as 

a result, in-cylinder temperature increases, which decreases cycle-to-cycle variations. 
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Figure 2.14 Cycle-to-cycle variations for 1000 consecutive cycles in In-cylinder pressure 

and AHRR histories for various MEF (%) at 3.3 bar BMEP, N=1500 rpm, 

Pin=1.5 bar, SOI = 310 CAD 

 

Figure 2.15 Cycle-to-cycle variations for 1000 consecutive cycles in In-cylinder pressure 

and AHRR histories for various MEFs at 5.0 bar BMEP, N=1500 rpm, 

Pin=1.5 bar, SOI = 310 CAD 

Figure 2.16 discusses CA5 versus CA50 for both 3.3 bar and 5 bar BMEP over 

1000 individual cycles. There are several interesting observations that can be made from 

Figure 2.16. First, there is a linear correlation between CA5 and CA50 with increasing 

MEF. This indicates that it is possible to use MEF as a potential feedback-based control 

variable in a hypothetical closed-loop feedback controller. Second, at the lowest MEF 

(for both loads), a small change in CA5 registers a small change in CA50 and the 

separation between CA5 and CA50 is small indicating auto ignition dominated 

combustion. Whereas, at the highest MEF, the separation between CA5 and CA50 is 
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significantly large, and in particular, for the same CA5 there are considerable CA50 

variations, indicating that due to the relatively smaller amounts of diesel at these 

conditions, the auto ignition sensitivity is very high, and this impacts subsequent 

combustion evolution. The primary reason for the reduced cyclic variations at lower 

MEFs can be attributed to increased auto ignition sites with increasing diesel mass at 

these conditions. 

 

Figure 2.16 CA5 vs. CA50 for 1000 consecutive cycles for various MEFs at (a) 3.3 bar and 

(b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 

Figure 2.17 discusses Pmax versus CAPmax for both 3.3 bar and 5 bar BMEP 

over 1000 individual cycles. For both BMEPs, at lower MEFs, magnitude of Pmax is 

higher and variation of Pmax and CAPmax are lowest. Similarly, for high MEFs 

magnitude of Pmax is lower and variation of Pmax and CAPmax is highest. As described 

by Matekunas [32] and Srinivasan et al. [39], the occurrence of CA50 before CAPmax 

with high Pmax magnitudes is a characteristic of fast burning cycles and occurrence of 

CAPmax before CA50 with low Pmax magnitudes is a characteristic of slow burning 
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cycles. For 3.3 bar BMEP at lower MEFs (50%, 60%, and 70%) CAPmax predominantly 

occurs after CA50 indicating a very high population of fast burn cycles. For 80% MEF at 

3.3 bar BMEP there may be few cycles which may be slow burning but a majority of the 

cycles are fast burning cycles as CAPmax occurs between 364 and 367 CAD and CA50 

occurs between 360 and 364.5 CAD (see Figure 2.16). For 90% MEF at 3.3 bar BMEP 

there is a mixture of both fast and slow burning cycles as CAPMax occurs between 361 

and 371 CAD and CA50 occurs between 364 to 374 CAD. Similarly, for MEF (70%, 

75%, and 80%) at 5 bar BMEP, CAPmax always occurs after CA50 indicating only fast 

burn cycles. For MEF of 85% at 5 bar BMEP, there may be few cycles which might be 

slow burning, but majority of the cycles are fast burning as CAPmax occurs between 363 

and 367 CAD and CA50 occurs between 358 and 364 CAD. For 90 MEF at 5 bar BMEP, 

there is a mixture of both fast and slow burning cycles as CAPmax occurs between 366.5 

and 373 CAD and CA50 is between 364 and 372.5 CAD.   

 

Figure 2.17 CAPmax vs. PMAX for 1000 consecutive cycles for various MEFs at (a) 3.3 

bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 310 CAD 
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Figure 2.18 is indicated fuel conversion efficiency (IFCE) for (a) 3.3 bar and (b) 5 

bar BMEP over 1000 individual cycles and Figure 2.19 is CA50 versus IFCE for (a) 3.3 

bar and (b) 5 bar BMEP over 1000 individual cycles. For 3.3 bar BMEP, we can observe 

variation in IFCE is a maximum and widespread for 90% MEF and noticeable amount for 

80% MEF. Variation in IFCE for 3.3 bar BMEP at MEF of 50%, 60% and, 70% is 

comparatively low. NOx emissions at 90% and 80% MEF at 3.3 bar BMEP are lowest 

but HC and CO emission is high, which can most likely be reduced with an increase in 

IFCE. So, there is a possibility of getting better efficiency and lower emissions for these 

operating conditions. Similarly, for 5 bar BMEP cycle-to-cycle variation in IFCE is 

higher at 85% and 90% MEF compared to that at 70%, 75%, and 80% MEF.  

In general, it is recommended that CA50 should phased within 5-11 CAD aTDC [59] for 

best indicated efficiencies. For example, at 70% MEF 5 bar BMEP, CA50 is phased 

much before TDC, i.e., 12 to 14 CAD bTDC; therefore, even with shorter combustion 

duration and comparatively higher combustion efficiencies, IFCEs are lower. Whereas, at 

85% MEF although combustion efficiencies are lower, IFCEs are comparable to the 70% 

MEF case. This is because CA50 is phased appropriately to realize high IFCEs. These 

observations collectively lend themselves to considering closed cycle IFCE as an 

effective observer for achieving optimal control of CA50 along with other parameters 

such as EGR, intake temperature, swirl, multiple injection and others to identify 

opportunities for high efficiency dual fuel combustion over a wide operating space.  
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Figure 2.18 Indicated fuel conversion efficiency for 1000 consecutive cycles for various 

MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, SOI = 

310 CAD 

 

  

Figure 2.19 CA50 vs indicated fuel conversion efficiency for 1000 consecutive cycles for 

various MEFs at (a) 3.3 bar and (b) 5.0 bar BMEP, N=1500 rpm, Pin=1.5 bar, 

SOI = 310 CAD 
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2.7 Conclusions  

The effect of methane substitution on early injection diesel-methane dual fuel 

combustion in a single cylinder, compression ignition engine was studied. MEF sweep 

was performed at two respective loads of 3.3 and 5.0 bar BMEP. The following 

conclusions were drawn from this study. 

1. Minimum methane energy fraction (MEF) is limited by maximum pressure rise 

rate (MPRR) leading to a strong propensity for knock and maximum MEF is 

limited by a high coefficient of variation in IMEP (COVIMEPnet), which is 

indicative of high cycle-to-cycle variations leading to poor combustion.  

2. Zero-dimensional PSR simulations of dodecane LTHR process in the presence of 

methane at engine-relevant conditions show that at lean equivalence ratios 

methane delays the onset of dodecane LTHR and that while methane may not 

contribute positively to the heat release during the LTHR period, it does play a 

significant role in suppressing the magnitude of heat release. This corroborates 

the observations that increasing MEF delays the onset of LTHR and HTHR, 

suppresses diesel LTHR magnitudes and increases the separation between onset 

of LTHR and HTHR at all engine loads reported in this study. 

3. The increase in combustion efficiency at low MEFs at both engine loads is 

countered by competing effects such as increased in-cylinder heat transfer rates 

and increased gas-exchange work due to early combustion phasing (CA50) that 

occurs in the compression process. However, the IFCEs at these conditions are 

almost invariant due to the fact that the bulk of the expansion work occurs at 
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higher indicated pressures, which balances the negative influences of increased 

heat transfer and gas-exchange work. 

4. Linear CA5 and CA50 trends allows for the use of MEF as a viable control lever 

(all other factors, including EGR and boost being a constant) to dictate the nature 

of combustion and perhaps steer it towards higher thermal efficiencies. 

5. NOx emissions decrease exponentially and UHC and CO increase exponentially 

with increasing MEF at both loads.  

6. The auto ignition sensitivity is related to the amount of diesel, which directly 

affects CA5. Variations in CA5, chemical kinetics, and mixing affects variations 

CA50. 

7. Analysis of cycle-to-cycle variations indicates that IFCE may be used as an 

effective monitor to optimize CA50 location while adjusting other engine-

operating parameters such as EGR and RGR fraction, intake charge temperature, 

swirl, multiple injections, etc. to identify opportunities to achieve high efficiency 

dual fuel combustion over a wide operating space. 
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Equation A1.1 and A1.2 define methane energy fraction (MEF) and diesel energy 

fraction (DEF), respectively. In equation 1 and 2 m# refers to the mass flow rates of 

diesel (subscript ñdò), gaseous methane fuel (subscript ñmò), and air (subscript ñaò), and 

LHV refers to the corresponding fuel lower heating values. The stoichiometric air 

required for complete oxidation of both diesel and methane into CO2 and H2O is defined 

as the stoichiometric air-fuel ratio
( )

totstF
A

- . Therefore, 
( )

totstF
A

- is dependent on the MEF 

and DEF. A detailed uncertainty analysis accompanying the estimation of indicated fuel 

conversion efficiency is provided in Appendix II. 

Equation A1.4 defines the combustion efficiency. Heywood [60], uses exhaust 

concentrations of CO, HC, H2 and PM emissions and their respective lower heating 

values to calculate combustion efficiency. As gravimetric PM is not measured for these 

experiments (since they are likely very low as demonstrated by the low FSN values), only 

the measured CO and HC concentrations and H2 mass fractions calculated from 

stoichiometric calculations are used to determine the combustion efficiency. In Equation 

A1.4, ὼ are the mass fractions of HC, CO, and H2. ὗ  are their respective lower 

heating values, and subscripts ñfò and ñaò denote fuel and air, respectively. According to 

Heywood [60], fuel LHV can be used as LHV of HC in the calculation of combustion 

efficiency in equation A1.4. Since, diesel and methane are used as source of fuel so 

combined fraction weighted LHV (i.e., mass-fraction-weighted average of 42.6 MJ/kg for 

diesel and 50 MJ/kg for methane) of these two fuels are used for LHV of HC in equation 

A1.4. And the lower heating values for CO and H2 are assumed to be 10.1 MJ/kg and 120 

MJ/kg, respectively.  
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Apparent heat release rate (AHRR) is calculated using Equation A1.5 [60] and the 

ratio of specific heats (‎) was determined using Equation A1.6 based on global in-

cylinder temperature (T), by Gatowskiôs model [61]. Liôs [62] found gamma estimation 

results by Gatowskiôs model [61] closest with reference mode than Egnellôs model [63] 

and Bruntôs model [64]. Engine geometry values such as compression ratio, bore, stroke, 

and connecting rod length coupled with engine crankshaft position measurements were 

used to calculate instantaneous volume (V). The rate of change of volume with respect to 

crank angle (dV/dⱥ) was calculated using crank angle-resolved instantaneous volume 

data and the rate of change of pressure with respect to crank angle (dP/dⱥ) was 

calculated using crank angle-resolved cylinder pressure data. For cyclic data, each cycle 

cylinder pressure data was smoothed using 5th order low pass Butterworth filter with a cut 

of frequency of 4500 Hz. Equation A1.7 defines the maximum pressure rise rate and is 

the maximum value of the rate of change of pressure with respect to crank angle (dP/dⱥ). 

Equation A1.8 provides a coefficient of variation of IMEP and is calculated over 1000 

cycles in this study. In equation A1.8 srepresents standard deviation in IMEP and µ 

represents mean of IMEP. Equation A1.9 defines indicated fuel conversion efficiency 

(IFCE) and IP is indicated power. Equation A1.10 is employed to calculate residual gas 

inside the cylinder. PEVC, VEVC and REVC are pressure, instantaneous volume and gas 

constant at Exhaust valve closing. Assuming in-cylinder temperature and exhaust 

temperature are the same when the exhaust valve closes, the exhaust temperature is used 

as In-cylinder temperature at exhaust valve closing in equation A1.10 and mIVC in 

equation A1.11 is trapped mass at IVC and is calculated using air and methane mass from 

air and methane mass flow rates and residual gas mass is estimated using A1.10.  
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Appendix II 

Allowing a variation of equivalence ratio of 5% due to cycle-to-cycle variations the 

accuracy of sensors used in measurements are given below. 

Table 2.6  Accuracies of various sensors 

Measured 

parameters  

Sensor Units Accuracy  

Engine speed Hall effect RPM ± 1 RPM 

Cylinder pressure Piezoelectric bar ± 0.005 bar 

Intake manifold 

pressure 

Absolute pressure  PSIG ± 0.25 % of reading 

Airflow rate Sonic flow nozzle Kg/hr ± 0.1 % of reading 

  

Now using this information, uncertainty propagation of estimated IFCE is performed for 

a representative average cycle.  

 

IFCE is given by,  

 –
ᶻ Вz

ᶻɲᶻ ᶻ
 (A2.1) 

Where N is engine speed, AFS is air-fuel ratio at stoichiometric of a combined 

fuel, Ø is air-fuel equivalence ratio, p is pressure and Ὠὺ is differential volume, ὓ  is air 

mass flow rate and ὗ  is the heating value of a representative hydrocarbon with a similar 

energy density of a known methane-diesel mixture. 
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AFS is calculated using the below equation  

 

 ὃὊὛ
Ȣ

Ȣ Ȣ ᶻ
 (A2.2) 

Where Y is hydrogen to carbon ratio in fuel.  

 

And ὗ  is calculated using the below equation 

 

 ὗ
  

 (A2.3) 

 

Uncertainty in estimated IFCE can be written as, 

 

 Ὗ

ụ
Ụ
Ụ
Ụ
Ụ
ợ Ὗ Ὗ

Ὗ Ὗ

Ὗ Ὗ Ὗ
Ứ
ủ
ủ
ủ
ủ
Ủ
Ȣ

 (A2.4) 

 

 

Overall uncertainty includes both bias and precision  

 

 Ὗ ὖ ὄ  (A2.5) 

 

We can assume  Ὗ  , Ὗ  and Ὗ  to be 0. 



 

52 

 

Now derivatives of all other remaining parameters used in equation A2.4 is estimated as 

follows, 

  

 
ᶻ Вz

ᶻᶻ ᶻ
 (A2.6) 

  

 
ᶻ Вz

ᶻ ᶻ ᶻ
 (A2.7) 
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 (A2.8) 
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 (A2.9) 

Table 2.7 The uncertainties calculated using the methodology described in Eq. A2.4 

to A2.9 

BMEP 
(bar) 

MEF (%) IFCE (%) UIFCE  

3.3 90 32.8 ±1.64 

80 41.3 ±2.07 

70 44.0 ±2.20 

60 44.4 ±2.22 

50 44.2 ±2.21 

    

5.5 90  42.1 ±2.10 

80  44.7 ±2.23 

70  45.7 ±2.28 

60  45.5 ±2.27 

50  43.5 ±2.17 
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Similar uncertainties in the calculation of IFCE for each cycle can be considered. This 

indicates that the spread in variation of IFCE for all above cases remains more or less the 

same.  
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IMPACT OF LOW REACTIVITY FUEL TYPE ON PERFORMANCE, EMISSIONS 

AND CYCLIC VARIATIONS IN DUAL FUEL LOW TEMPERATURE 

COMBUSTION  

3.1 Abstract 

In dual fuel combustion, a low reactivity fuel (e.g., methane) is ignited by a higher 

reactivity fuel (e.g., diesel) in a compression ignition engine. Ensemble-averaged data are 

sufficient to explain overall behavior for conventional (stable) combustion with a low 

coefficient of variation of indicated mean effective pressure (COVIMEP). However, 

advanced combustion strategies such as reactivity-controlled compression ignition 

(RCCI) and low temperature combustion (LTC) have significant cyclic variations, 

especially at low loads, which cannot be completely understood with ensemble-averaged 

data. Characterizing cyclic variations is crucial not only for a better understanding of the 

combustion process in dual fuel combustion but also to further improve engine efficiency 

and reduce engine-out emissions. In this study, cyclic variations in dual fuel combustion 

with diesel ignition of three different low reactivity fuels (methane, propane, and 

gasoline) are examined.  Experiments were performed on a single cylinder research 

engine (SCRE) at a low load of 5.1 bar indicated mean effective pressure (IMEP). The 

start of injection (SOI) of diesel was varied from 280 to 330 absolute crank angle degrees 

(CAD) at an interval of 10 CAD. Engine speed, rail pressure, and boost pressure were all 
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kept constant at 1500 RPM, 500 bar, and 1.5 bar, respectively. The energy substituted by 

the low reactivity fuel was fixed at 80 percent of the total energy input. It was found that 

diesel-methane (DM) and diesel-propane (DP) dual fuel combustion were affected by 

diesel mixing to a greater extent than diesel-gasoline (DG) dual fuel combustion due to 

the higher reactivity of gasoline. The magnitude of low temperature heat release was 

greatest for DG followed by DM and DP for all SOIs. The ignition delay for DG was the 

shortest, followed by DM and DP.  DM and DP exhibited more cyclic variations than 

DG. Cyclic variations were analyzed by observing the start of combustion (CA5), 

combustion phasing (CA50), peak cylinder pressure (Pmax), indicated mean effective 

pressure (IMEP), maximum pressure-rise rate (MPRR), cumulative heat release (CHR), 

and cumulative gross heat release (GHR).  Cyclic variations decreased for DM and DP 

when SOI was advanced; however, DG cyclic variations remained essentially constant 

for all SOIs. Earlier SOIs (280, 290, 300, and 310 CAD) for DM and (280, 290, and 300 

CAD) for DP dual fuel combustion indicated some prior-cycle effects on the combustion 

and IMEP (i.e., some level of determinism). By comparison, all SOIs for DG combustion 

showed a greater probability for stochastic cyclic combustion variations.  Finally, the 

challenges and opportunities in utilizing methane, propane, and gasoline in diesel ignited 

dual fuel combustion as well as strategies for mitigating cyclic variations were explored. 

3.2 Introduction  

Dual fuel engine combustion is defined by compression ignition of premixed fuel-

air mixture, which is generally a low reactivity (low cetane) fuel, followed by the 

injection of fuel with higher reactivity (high cetane), which is used as an ignition source. 

There have been multiple studies performed on different fuel combinations for dual fuel 
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engine operation such as diesel-methane (DM) [1, 2], diesel-propane (DP) [3, 4], diesel-

gasoline (DG) [5, 6], diesel-butane (DB) [7], and biodiesel-CNG (DCNG) [8].   The dual 

fuel combustion concept is not a recent endeavor, with one of the earliest studies of an 

engine operating with the dual fuel strategy performed by Riffkin [9] in 1937.  Riffkin 

used town gas in a compression ignition engine, using liquid fuel as a source of ignition. 

Abundant research has led to improved technology within the field of dual fuel 

combustion, allowing for the concept to be a potential pathway to reduced engine-out 

oxides of nitrogen (NOx) as compared to traditional diesel combustion [1, 10, 11, 12]. 

The dual fuel concept is not without its challenges, some of which include high cyclic 

variations and high engine-out hydrocarbons (HC), and carbon monoxide (CO) emissions 

[13, 14, 15, 16, 17]. Cyclic variations within the internal combustion (IC) engine have 

been apparent for several decades. Many studies have been performed on both the causes 

and the effects of these cyclic variations. Soltau [18] studied the cylinder pressure 

variations in a petrol engine and found that the in-cylinder pressure variation from one 

cycle to the next was influenced by slight changes in the air-fuel ratio. He also postulated 

that the fuel conversion efficiency could be increased if the variations from cycle to cycle 

were eliminated and if all cycles matched the most efficient cycle. Patterson [19] 

observed that in spark ignited (SI) engines the mixture velocity variation near the spark 

plug at ignition timing were primary causes of a cycle to cycle variation. One way to 

reduce such cycle to cycle variations at low loads is to accelerate the rate of combustion 

within the cylinder. Cole and Mirskey [20] studied the effects of mixture motion on the 

maximum pressure rise rate (MPRR) by using an air-propane jet in a constant volume 

cylindrical combustion chamber. Their findings concluded that the MPRR increases with 
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an increase in mixture jet intensity and that the maximum MPRR was observed for a jet 

profile with a slightly greater width than the spark plug gap. Barton et al. [21] used an 

empirical model to study cycle to cycle variations in an SI engine. The study finds that 

the maximum pressure variation from one cycle to another is affected by the time after 

ignition required to burn the first 5% of the fuel (CA5) as well as the phasing of the 

combustion process. A cyclic combustion literature review was performed by Young [22] 

for SI engines, wherein it is presented that for reduced cyclic variations inside the 

cylinder, better drivability, potentially better fuel economy, and lower emissions can be 

achieved. A summary of the parametric effects on cyclic variations within the cylinder, as 

well as a categorical extent to which these physical factors affect cyclic variations in SI 

engines, was presented. A swirl study with two separate spark locations in an SI single 

cylinder engine with a transparent piston crown was performed by Matekunas [23]. A 

major observation from this study was that the overall flow pattern within the cylinder 

determines the behavior of cyclic repeatability.  

Multiple studies have regarded cyclic combustion in engines to be stochastic in 

nature [22-24].  Later studies [25-28], however, indicated that there may be some 

determinism present within the cyclic variations, which could be utilized to develop 

feedback-based control strategies.  Wagner et al. [25] studied the effects of fuel/air ratio, 

swirl, and the start of injection (SOI) on a single cylinder research engine (SCRE) to gain 

insight on prior cycle effects within the cycle to cycle combustion dynamics. This was 

accomplished by using return maps, Shannon entropy, and symbol statistics. The findings 

indicate that the transition from stochastic behavior to deterministic behavior occurs with 

a change of equivalence ratio (ű) from stoichiometric to lean. Similarly, Daw et al. [26] 
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discussed the deterministic aspects of the cycle to cycle variations in SI engines operating 

under high exhaust gas recirculation (EGR) percentages and low equivalence ratio (ű) 

while also using an active control loop by changing the spark timing and the fuel delivery 

to control combustion stability. Agarwal [27] studied the effects of various parameters 

(e.g. engine speed and intake temperature) on cyclic variability in different homogenous 

charge compression ignition engines (HCCI). One finding from this study showed that 

the behavior of cyclic variations transitioned from stochastic to deterministic as the intake 

temperature was increased. Finney et al. [28] performed a detailed review of the cycle to 

cycle combustion variations within SI engines. The focus was to evaluate if cycle to cycle 

combustion variations has a deterministic structure, which can be used to control 

combustion. The detailed literature review suggested some type of deterministic feature 

in the cycle to cycle combustion is present when operating at a very low equivalence ratio 

(ű), high EGR, or any other global transition point.  

Dual fuel combustion using diesel as the high reactivity fuel and liquid petroleum 

gas (LPG) or methane as the low reactivity fuel was studied by Selim [29]. The influence 

of various parameters such as engine load, compression ratio (CR), SOI of diesel, pilot 

fuel mass, and engine speed on cyclic combustion variation of dual fuel engines was 

researched. The study shows that the types of gaseous fuel, SOI, pilot fuel mass, CR, and 

engine speed all have effects on the cyclic variations. SOIs of 30-35 degrees before top 

dead center (BTDC) showed minimum cyclic variations, and the variations decrease as 

the engine speed was increased. Diesel-LPG dual fueling showed higher combustion 

noise compared to DM. Sun et al [30] studied cyclic variations in diesel-gasoline dual 

fuel combustion in a medium duty diesel engine. One hundred fifty consecutive cycles 
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worth of data were taken and showed that parameters such as spray penetration of the 

diesel, in-cylinder charge motion, fuel air ratio and SOI of the diesel affect the in-cylinder 

pressure variations.  Srinivasan et al. [14] studied cyclic combustion variation in DM dual 

fuel engine and distinguished fast burn cycles and slow burn cycles based on maximum 

in-cylinder pressure (PMAX), the crank angle where maximum pressure occurs 

(CAPMAX) and phasing for 50% mass burnt fraction of charges (CA50).  They found 

cycles with CA50 closer to top dead center (TDC), higher Pmax, and CAPmax away 

from TDC were fast burned cycles. Conversely, slow burn cycles are identified by CA50 

phased away from TDC, reduced Pmax values, and CAPmax phased further from TDC. 

Wang et al. [31] performed a cyclic variations study on methanol fumigated diesel engine 

and found that at low load, cyclic variations decrease with higher intake temperature but 

at high load cyclic variations increase when intake temperature exceeds 75 ↔C. Three 

different methanol injection locations in diesel methanol dual fuel engines were studied 

by Chen et al. [32]. It was discovered there was less variation in combustion when 

methanol injection is performed in the inlet manifold and inlet duct distal end, compared 

to the inlet duct near its end. Jamrozik et al. [33] performed experiments on a 

compression ignition (CI) engine where diesel was injected inside the cylinder and 

alcohol fuels (methanol and ethanol) were fumigated into the intake manifold. Two 

hundred consecutive engine cycles were analyzed, and it is concluded that the cyclic 

variability of a dual fuel engine increased when the energy fraction of alcohol fuel was 

increased from 20% to 50%. Jha et al. [12] studied DM dual fuel combustion at two 

different loads and found that the variation in CA50 is caused due to variations in CA5, 

chemical kinetics, and mixing inside the cylinder.  
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To investigate cyclic combustion variations, computation fluid dynamic (CFD) 

simulations have been utilized by some researchers [34,35] to get more insight into the 

phenomena. Klos et al. [34] used thousands of CFD simulations in parallel to map 

operating zones, which were later utilized to create a statistical model that can run 

hundreds of cycles in series quickly to represent cyclic combustion variations. 

Fluctuations in trapped gas temperature, port fuel injection (PFI) mass, direct injection 

(DI) mass and EGR quantity were found to be the main sources of combustion variations 

from one cycle to another. Similarly, Jupudi et al. [35] performed a CFD study running 

several cycles in parallel by changing the operating condition at the start of the simulation 

and used a statistical model to evaluate cyclic variation. It was postulated that to clearly 

quantify cycle to cycle variations in a natural gas-diesel dual fuel engine, the effects of 

natural gas stratification and shot to shot variation in diesel injection would also need to 

be studied.   

3.3 Objective of the present work  

As evident from the literature review, the nature of cyclic variations in both SI 

and dual fuel engines have been studied by several researchers. The current paper 

addresses a crucial knowledge gap in the open literature: 

 characterization of the impact of low reactivity fuel type on cyclic variations in 

dual fuel low temperature combustion (LTC). We present a simultaneous comparison of 

cyclic variations between dual fuel LTC with diesel-methane (DM), diesel-propane (DP), 

and diesel-gasoline (DG) combinations on the same engine platform under similar 

operating conditions. All engine operating conditions such as intake temperature, intake 

pressure, engine load and speed are maintained constant. Diesel fuel injected quantities 
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are comparable at all operating conditions; therefore, at the same SOI, it can be posited 

that the fluid dynamic effects responsible for diesel dispersion in the cylinder are similar 

for DM, DP and DG dual-fuel LTC. Any observable differences in engine combustion 

and performance are then dictated by the reactivities and chemical properties of the low 

reactivity fuel (methane, propane, and gasoline) used. The main objectives of this work 

are to: 

1. Investigate the effect of reactivities of different low-reactivity fuels on 

average and cyclic combustion at different diesel SOIs 

2. Compare cyclic variations of a dual fuel engine operation at low load for 

various diesel SOIs with methane, propane, and gasoline as the low 

reactivity fuels 

3. Characterize the challenges and opportunities that these fuel combinations 

present and present possible strategies to mitigate cyclic combustion 

variations for each fuel combination 

3.4 Experimental setup  

A 1.8-liter single cylinder research engine (SCRE) was used for the experimental 

work presented in this paper. A detailed list of engine specifications is given in Table 1. 

A detailed schematic of the engine setup on the testbed is given in Figure 3.1. The engine 

was connected to a 250 HP AC dynamometer and used a Dyne Systems Inter-Loc V to 

control speed. The torque, and therefore the load, of the engine, was controlled by 

changing the fueling rate of the engine. With the engine being operated in a dual fuel 

operating mode, it is important to be able to both control the amount of both fuels being 

supplied to the engine. To control the gaseous (methane, propane, gasoline) fueling rate 
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into the intake manifold, the use of an electronic needle valve from Hanbay Inc. (Model 

MCM-50AB) was used. Diesel fuel was injected directly into the cylinder through a 

solenoid injector, which was connected to a Bosch CP3 common rail system. The 

injection event (timing, duration, and pressure) was controlled via a DRIVVEN (National 

Instruments) stand-alone diesel injection (SADI) driver, which was coupled to National 

Instrumentsô CALVIEW software. Pressurized air was supplied to the engine using an 

Atlas Copco (Model GA75) external air compressor which, before entering the engine, 

was conditioned using an Atlas Copco heatless desiccant dryer (Model CD 250).  

In cylinder pressure was measured using a Kistler model 6052C pressure sensor 

coupled with a Kistler 5010B type charge amplifier. The injector was fitted with a Hall-

effect needle lift sensor from Wolff Instruments. A 0.1 crank angle degree (CAD) 

resolution BEI shaft encoder (Model XH25D-SS-3600-ABZC-28V/V-SM18) was used to 

phase both the in-cylinder pressure trace as well as the needle lift with respect to CAD. 

Various crank angle conventions exist throughout the literature, but for the purposes of 

this paper the absolute crank angle convention will be used, meaning that 0° refers to gas 

exchange TDC, and 360° refers to compression TDC. One thousand consecutive engine 

synchronous data cycles were collected for DM and DP combustion, and 100 consecutive 

cycles were collected for DG. Figure 3.2 (a) shows COVIMEP for DG at various diesel 

SOIs for 100 consecutive cycles. Figure 3.2 (b) shows COVIMEP of DM and DP at early 

and late diesel SOIs for 100, 300, 500, and 1000 consecutive cycles, and Figure 3.2 (c) 

shows COVIMEP of DM and DP at early and late diesel SOIs for 100 consecutive cycles. 

DG combustion for diesel SOIs from 280 to 330 CAD has low COVIMEP. From Figures 

3.2(b) and 3.2(c) it is clear that for low COVIMEP, the behavior of data from 100 
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consecutive cycles is similar to the behavior of data from 300, 500, and 1000 consecutive 

cycles. Therefore, for DG dual fuel combustion cases with low COVIMEP, a dataset of 100 

consecutive cycles was considered statistically significant to adequately represent cyclic 

variations. Intake pressure was measured using a Setra (Model 209) absolute pressure 

sensor, which was then used to peg the cylinder pressure at intake valve closing (IVC). In 

a similar fashion, steady state (asynchronous) engine data were collected and averaged 

over a duration of 60 seconds. Further information on sensors used and their accuracies 

are provided in Table 2.  

 

Figure 3.1 Experimental setup of the single cylinder research engine [12]. 
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Figure 3.2 (a) COVIMEP for DG combustion at various SOIs, (b) COVIMEP for DM 

and DP combustion at 280 and 330 CAD SOIS for 100, 300, 500 and 1000 

consecutive cycles, (c)-COVIMEP for DM and DP combustion at 280 and 330 

CAD SOIs at 100 cycle data intervals. 
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Table 3.1 Engine Specifications (0° refers to gas exchange TDC, 360° refers to 

compression TDC). 

tŀǊŀƳŜǘŜǊ ±ŀƭǳŜ 

Engine type Single cylinder research engine, compression-ignition 

Bore × Stroke 128 mm × 142 mm 

Connecting rod length 228 mm 

Displaced volume 1827 cm3 

Compression ratio (nominal) 17.1: 1 

Intake valve opening 

Intake valve closing 

Exhaust valve opening 

Exhaust valve closing 

32º 

198º 

531º 

14º 

Diesel fuel injection system CP3 Bosch common rail 

Low cetane fuel injection system Fumigation into intake manifold 

Maximum speed 1900 rpm 
Injector hole diameter 0.197 mm 

 

Table 3.2 Details of experimental sensors and their accuracies. 

5ŀǘŀ ¢ȅǇŜ aŀƪŜκaƻŘŜƭ ¢ȅǇŜ ¦ƴƛǘ !ŎŎǳǊŀŎȅ 
Temperature 
intake, 
exhaust, etc. 

Omega K-type ºC °0.75% of reading 

Air mass 
flow 

Flowmaxx Sonic orifice kg/h °0.1% of reading 

Diesel mass 
flow 

Micro Motion Coriolis kg/h 0.35% of reading 

Methane 
mass flow 

Micro Motion Coriolis kg/h 0.56% of reading 

Smoke AVL 415S Filter FSN 0.001 of reading 

NOx and NO ESA EGAS 2M CLD ppm <1% of full scale 

THC ESA EGAS 2M FID ppm <0.5% of full scale 

CO ESA EGAS 2M NDIR % <1% of full scale 

CO2 ESA EGAS 2M NDIR % <1% of full scale 

O2 ESA EGAS 2M MPA % <1% of full scale 

Cylinder 
pressure 

Kistler 6052C Piezoelectric bar °0.005 of reading 

Pressures 
(intake) 

Setra Model 209 Capacitance psig °0.25% of full scale 
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3.5 Experimental procedure 

For DM, DP, and DG dual fuel combustion, a diesel SOI sweep was performed 

from 280 to 330 CAD in 10 CAD increments at 5.1 bar indicated mean effective pressure 

(IMEP). For all of these experiments, several parameters were held constant: an engine 

speed of 1500 RPM, a rail pressure of 500 bar, a boost pressure of 1.5 bar, and a primary 

fuel energy fraction (methane, propane, gasoline) of 80%. Operating conditions are 

summarized in Table 3 and fuel properties are summarized in Table 4. 

Table 3.3 Details of experimental sensors and their accuracies. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

tŀǊŀƳŜǘŜǊ ±ŀƭǳŜ 
Engine speed (rpm)  1500 

Engine load (bar)  5.1 (IMEP) 
Rail pressure(bar)  500 

Boost pressure (bar)  1.5 

Low reactivity fuel 
(methane/propane/gasoline) 
energy fraction (%) 

 80 

Start of injection (CAD)  280-330 (at an interval of 10CAD) 
Intake manifold temperature 
(°C) 

 35 ± 5  

Oil temperature (°C)  80 ± 5 
Coolant temperature (°C)  80 ± 5 
EGR  0 % 
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Table 3.4 Fuel properties [36,37,38] 

Parameters  Methane Propane Gasoline Diesel 

Chemical formula CH4 C3H8 CnH1.87n CnH1.8n 

Molecular weight 16 44 ~100 ~170 

Lower heating value (MJ/kg) 50 46.4 43 42.7 

Stoichiometric air-to-fuel ratio 17.23 15.67 14.6 14.5 

RON 120 112 91-99   

Cetane number  - - -  ~45 

Flammability limits vol. % of gas in air)         

          Upper 15 9.5 7.6 7.5 

          Lower 5 2.2 1.4 0.6 

 

Different combustion parameters used in this paper such as percentage energy 

substitute (PES), equivalence ratio, combustion efficiency (–), apparent heat release rate 

(AHRR), and specific heat ratio (‎), etc. are defined below. 

 

 ὖὉὛ     (3.1) 

    (3.2) 

Equations 3.1 define PES. In Equations 3.1, m# refers to the mass flow rates of 

diesel (subscript ñdò), low reactivity fuel (subscript ñLRFò), and air (subscript ñaò), and 

LHV refers to the corresponding fuel lower heating values. In Equation 3.2, the 

stoichiometric air required for complete oxidation of both diesel and methane into CO2 

and H2O is defined as the stoichiometric air-fuel ratio( )
totstF

A
-

. Therefore, ( )
totstF

A
-

is 

dependent on the PES.  
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Equation 3.3 defines the combustion efficiency. Heywood [36], uses exhaust 

concentrations of CO, HC, H2, and PM emissions and their respective lower heating 

values to calculate combustion efficiency. As gravimetric PM is not measured for these 

experiments (since they are likely very low as indicated by the low FSN values), only the 

measured CO and HC concentrations and H2 mass fractions are calculated from 

stoichiometric calculations are used to determine the combustion efficiency. In Equation 

3.3, ὼ are the mass fractions of HC, CO, and H2. ὗ  are their respective lower heating 

values, and subscripts ñfò and ñaò denote fuel and air, respectively. According to 

Heywood [36], fuel LHV can be used as an LHV of HC in the calculation of combustion 

efficiency in Equation 3. For DM dual fuel engine, diesel and methane combined fraction 

weighted LHV (i.e., a mass-fraction-weighted average of 42.6 MJ/kg for diesel and 50 

MJ/kg for methane) of these two fuels are used for LHV of HC in equation 3. For DP 

dual fuel engine, combined fraction weighted LHV (i.e., a mass-fraction-weighted 

average of 42.6 MJ/kg for diesel and 46.4 MJ/kg for propane) of these two fuels are used 

for LHV of HC in equation 3.3. Similarly, for DG dual fuel engine, combined fraction 

weighted LHV (i.e., a mass-fraction-weighted average of 42.6 MJ/kg for diesel and 43.4 

MJ/kg for gasoline) of these two fuels are used for LHV of HC in equation 3.3. The 

lower heating values for CO and H2 are assumed to be 10.1 MJ/kg and 120 MJ/kg, 

respectively.  

 ὃὌὙὙ— ὖ ὠ  (3.4) 
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 (3.12) 

AHRR is calculated using Equation 3.4 [36] and ‎ was determined using 

Equation 3.5 based on global in-cylinder temperature (T), estimated by Gatowskiôs model 

[39]. Li [40] found ‎ estimation results by Gatowskiôs model closest with reference mode 

than Egnellôs model [41] and Bruntôs model [42]. Engine geometry values such as 

compression ratio, bore, stroke, and connecting rod length coupled with engine 

crankshaft position measurements were used to calculate instantaneous volume (V). The 

rate of change of volume with respect to crank angle (dV/dⱥ) was calculated using crank 

angle-resolved instantaneous volume data and the rate of change of pressure with respect 

to crank angle (dP/dⱥ) was calculated using crank angle-resolved cylinder pressure data. 
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For cyclic data, cylinder pressure data for each cycle was smoothed using a 2nd order low 

pass Butterworth filter with a cutoff frequency of 2610 Hz. Equation 3.6 defines the 

maximum pressure rise rate and is the maximum value of the rate of change of pressure 

with respect to the crank angle (dP/dⱥ). Equation 3.7 provides a coefficient of variation 

of IMEP and is calculated over 1000 cycles in this study. In equation 3.8 srepresents the 

standard deviation in IMEP and µ represents the mean of IMEP. Equation 3.8 defines 

indicated fuel conversion efficiency (IFCE) and IP is indicated power. Equation 3.9 is 

employed to calculate residual gas inside the cylinder. PEVC, VEVC and REVC are pressure, 

instantaneous volume and gas constant at Exhaust valve closing. Assuming in-cylinder 

temperature and exhaust temperature are the same when the exhaust valve closes, the 

exhaust temperature is used as In-cylinder temperature at the exhaust valve closing in 

Equation 3.9. MIVC in Equation 3.10 is trapped mass and is calculated using the mass of 

air inside the cylinder ὓ , mass of primary fuel inside the cylinder (ὓ  and residual 

mass inside the cylinder ὓ . Equation 3.11 and 3.12 define normalized IMEP(n) and 

CHR(n) of the nth cycle respectively. 

3.6 Result and discussion  

3.6.1 Ensemble-Averaged Results 

 Figures 3.3(a-d) represent average pressure and AHRR curves for DM, DP and 

DG combustion at diesel SOIs of 280, 310, 320, and 330 CAD. The SOI of 280 CAD 

represents the most premixed combustion process (approaching ñHCCI-likeò 

combustion) within this SOI range, the SOI 310 CAD represents dual fuel low 

temperature combustion (DFLTC), and 320 and 330 CAD SOIs represent partially 

premixed combustion (PPC). As posited earlier, fluid dynamics effects are similar, and 
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the diesel injected quantities are comparable for the same diesel SOIs for different low 

reactivity fuels. Therefore, the major factor responsible for differences in combustion is 

likely the chemical behavior of the corresponding low reactivity fuel (methane, propane, 

and gasoline).  

 The combustion process can be generalized for dual fuel combustion for 

different types of fuels. For all cases studied in this paper, the temperature and pressure at 

SOI are too low for diesel to auto ignite. Due to the fact that this is a low swirl engine 

[43] entrainment and subsequent mixing of the premixed fuel-air mixture into the diesel 

spray are driven by the diesel jet momentum. Therefore, there is more time available for 

diesel injected at 280 CAD SOI (compared to 330 CAD SOI) before temperature, 

pressure, and local equivalence ratios are amenable for autoignition. Since diesel is a 

two-stage ignition fuel, depending on the behavior of the low reactivity fuel, the low 

temperature ignition (or LTHR) is either exhibited or suppressed. A distinct LTHR is not 

observed for 330 CAD SOI for all three low-reactivity fuels. This may be due to reduced 

time available for diesel to disperse inside the cylinder before temperature and pressure 

that favor high temperature heat release are met. On the other hand, a distinct LTHR is 

exhibited for diesel-gasoline combustion for diesel injection timing of 280, 310, and 320 

CAD, indicating that gasoline has little or no effect on low temperature diesel ignition. 

By contrast, very little or no LTHR is exhibited for DP dual fuel combustion for 280, 

310, and 320 CAD, indicating that propane suppresses low temperature diesel ignition. 

Methane clearly shows LTHR for 320 CAD but little or no LTHR for 280 and 310 CAD, 

indicating methane also suppresses diesel LTHR at the earlier SOIs.  Another interesting 

phenomenon is the change in AHRR shape observed from 320 CAD SOI to 330 CAD 
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SOI, irrespective of the low reactivity fuel used. While additional analysis is required to 

fully explain this phenomenon, it may be attributable to the change in diesel distribution 

inside the cylinder before in-cylinder conditions favor high temperature diesel 

autoignition.  
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Figure 3.3 3(a-d). Average in-cylinder pressure and AHRR histories for DM, DP, and DG 

combustion at various SOIs and 5.1 bar IMEP, N=1500 rpm, diesel injection 

pressure = 500 bar, PES of 80%.  

 

 

 

 

a (SOI=280CAD) b (SOI=310CAD)

c (SOI=320CAD) d (SOI=330CAD)
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Figure 3.4(a) and 3.4(b) shows MPRR, COVIMEP, and CA50 for DM, DP, and DG 

dual fuel combustion at several diesel SOIs. To explain engine performance 

characteristics clarification on how the change in diesel SOIs will impact diesel ignition 

sources is needed. For diesel SOI 280 there is a long time for diesel to mix with the 

air/low-reactivity fuel environment. This leads to a less stratified charge at the time when 

the charge is ready for combustion (i.e. ignition). For diesel SOI 330, however, there is 

less time to mix, leading to a more stratified charge at the time of ignition and therefore 

more ignition sources.  This transition is gradual over the diesel SOI sweep from 280 to 

330. For DG combustion COVIMEP remains more or less constant but for DM and DP, 

COVIMEP decreases as the diesel SOI is moved towards TDC. This indicates that for DG 

dual fuel combustion even a small amount of ignition source is sufficient to have better 

combustion. DP combustion has high COVIMEP for 280 and 290 CAD diesel SOIs, 

indicating a small amount of ignition source is not sufficient for robust combustion, 

leading to more variation. DP combustion, therefore, requires both a stronger ignition 

source and a higher number of ignition sources for stable combustion when compared to 

DG dual fuel combustion. For DM, except 330 and 320 CAD diesel SOIs, there is high 

COVIMEP. This suggests that to have stable  DM dual fuel combustion, both a stronger 

ignition source and a larger number of ignition sources are required. For similar strength 

and similar amount of diesel ignition sources, It can be said that it is more difficult to 

combust methane compared to propane and gasoline.  MPRR for DM and DP combustion 

increases as the diesel SOI is shifted from 280 to 330 CAD while MPRR mostly 

decreases for DG combustion. Increases in MPRR from DM and DP dual fuel 

combustion can be attributed to the fact that as the diesel SOI is shifted from 280 to 330 
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CAD the number of ignition sources increases leading to faster combustion causing 

higher MPRR. Another reason for the increase in MPRR can be found within the CA50 

plots. For DM and DP dual fuel combustion, as the diesel SOI shifts from 280 to 330 

CAD, a corresponding advance in CA50 occurs, CA50 advances, and even occurs before 

TDC for the latest injection timings, leading to higher MPRR values. The trend for 

MPRR of DG can also be explained with CA50 trends. For all diesel SOIs tested, CA50 

occurs before TDC. CA50 advances as diesel SOIs are shifted from 280 to 320 CAD 

leading to a decrease of MPRR; however, as the injection timing is further delayed from 

320 to 330 CAD, CA50 retards towards TDC leading to a slight increase in MPRR. 

 

 

Figure 3.4 (a). Maximum pressure rise rate and COV of IMEP (b). CA50 variation at 

varying SOI for 5.1 bar IMEP, N= 1500 rpm, diesel injection pressure=500 

bar, PES =80% for DM, DP and DG dual fuel combustion.  

 

Figure 3.5(a) and 3.5(b) shows combustion efficiency and indicated fuel 

conversion efficiency for DM, DP, and DG dual fuel combustion at several diesel SOIs. 
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Combustion efficiency is insensitive to diesel SOI for DG dual fuel combustion; 

however, it increases monotonically for DP and first increases and then steadies out for 

DM dual fuel combustion as diesel SOI is retarded. These trends indicate that DG dual 

fuel combustion is not affected by relative diesel stratification introduced by changing 

diesel SOI. Whereas DP dual fuel combustion becomes progressively better with diesel 

SOI retardation indicating that increasing diesel stratification aids combustion efficiency. 

A more or less similar trend to DP is observed for DM dual fuel combustion. Indicated 

fuel conversion efficiency (IFCE) is consistently highest for DP, followed by DG and 

then DM dual fuel combustion at all diesel SOIs investigated. This is a counterintuitive 

trend, i.e., an increase in combustion efficiency is not always accompanied by an increase 

in IFCE. This is explained by combustion phasing or CA50 trends. For the DG case at all 

diesel SOIs CA50 occurs before TDC. This leads to excessive heat transfer losses near 

TDC, which leads to a reduction in IFCE. For the DP and DM cases, IFCE seems to be 

affected by both combustion efficiency a CA50 location. For example, at SOIs advanced 

beyond 310 CAD, the combustion efficiencies are relatively lower; however, CA50 

location is favorable; thereby balancing out IFCE. Similarly, at diesel SOIs retarded 

beyond 310 CAD, combustion efficiencies are higher, however, CA50 occurs before 

TDC, which again seems to balance out IFCE. 
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Figure 3.5  (a). Combustion efficiency (b). Indicated fuel conversion efficiency variation 

at varying SOI for 5.1 bar IMEP, N= 1500 rpm, diesel injection pressure=500 

bar, PES =80% for DM, DP and DG dual fuel  

Figure 3.6(a) shows ISHC and ISCO trends for DP, DM, and DG dual fuel 

combustion as a function of diesel SOI. At all SOIs ISHC is highest for DM followed by 

DP and DG dual fuel combustion. This indicates that the reactivity of the low-reactivity 

fuel clearly influences engine-out HC emissions. For instance, at 310 CAD, DM 

combustion has the longest ignition delay. This indicates that all conditions being the 

same, methane tends to impede diesel reactivity compared to propane and gasoline. As a 

result, ensuing diesel autoignition centers do not cascade into combusting fronts in the 

combustion chamber. Therefore, methane is either partially oxidized into CO or remains 

unreacted in the cylinder, especially at low loads. This manifests as high engine-out HC 

emissions. Clearly, the scenario is different with propane and gasoline, which are 

relatively more reactive compared to methane; and therefore have a higher likelihood of 
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being oxidized.  As explained by Krishnan et. al [44], the reason for ISCO from 

combustion chamber can be attributed to lack of OH radicals, insufficient mixing 

between high temperature and low temperature regions, insufficient time available for 

CO oxidation. Consider the ISCO emissions trends for DM cases. At all diesel SOIs there 

are insufficient OH radicals produced due to the low combustion temperatures; therefore, 

the primary CO oxidation pathway is unsupported due to lack of OH radicals. Therefore, 

the only mechanism to oxidize COĄ CO2 is through the slower pathway, which is 

supported by higher bulk gas temperatures, which occurs at retarded diesel SOIs, e.g., 

330 CAD. A similar trend is observed for DP cases; however, with an interesting 

difference. For diesel SOIs between 280 and 310 CAD CO emissions are higher than HC 

emissions, but, after 310 CAD the CO emissions are lower then corresponding HC 

emissions. This is because of the reactivity of propane, i.e., propane or fuel oxidation is 

faster than CO oxidation at lower temperatures at advanced injection timings, however, 

as injection timing is retarded, CO oxidation takes preference since it is supported by the 

higher bulk temperatures as explained before. For the DG case CO emissions are 

observed to increase when diesel SOI is retarded from 280 to 330 CAD. This is because 

CA50 occurs earlier and this results in a competition between CO oxidation charge 

cooling due to cylinder expansion, which freezes CO chemistry. 

Figure 3.6(b) shows ISNOx emissions for DG, DM, and DP dual fuel combustion.  

ISNOx emissions increases with the shift in diesel SOIs from 280 to 330 CAD for DM, DP, 

and DG dual fuel combustion. This may be attributed to the fact that with a shift in 

diesel SOIs from 280 to 330 CAD, diesel becomes more stratified leading to diesel 

autoignition to occur at higher diesel phi leading to higher local temperatures forming 
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more NOx.  ISNOx level is very low for all three DM, DP, and DG dual fuel combustion for 

diesel SOI2 280 to 310 due to better mixing leading to lean diesel air mixture at time of 

combustion resulting in lower local temperature. Higher ISNOx for 330 diesel SOI for DM 

and DG compared to DP is due to the fact that the amount of diesel injected to obtain 

the same engine out load is higher for DM and DG compared to DP as indicated fuel 

conversion efficiency of DP combustion is better than DM and DG cases. It is to be noted 

that for all SOIs investigated engine-out soot emissions were low, and therefore not 

discussed. With this understanding of DM, DP, and DG dual fuel combustion based on 

ensemble-averaged data, a more detailed analysis of the cyclic variations associated with 

DM, DP, and DG dual fuel combustion is presented in the following sections. 

 

 

Figure 3.6 (a).ISCO and ISHC (b). ISNOx variation at varying SOI for 5.1 bar IMEP, N= 

1500 rpm, diesel injection pressure=500 bar, PES =80% for DM, DP and DG 

dual fuel 
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3.6.2 Cyclic In-Cylinder Pressure and AHRR Results 

Cyclic pressure and AHRR traces are shown in Figures 3.7 (a-f) for DM, DG, DP 

dual fuel combustion. Again, engine speed and load were fixed at 1500 rpm and 5.1 bar 

IMEP, respectively, and the PES value was 80% for all fuel combinations.  The only 

parameter that was allowed to change (apart from the fuel itself) was the diesel SOI, 

which ranged from 280 to 330 CAD. At the same SOI across all three fueling 

combinations, the magnitude of peak pressure is greatest for DG, followed by DP and 

DM in that order.  This is an indicator of how well the spatially dispersed diesel 

autoignition centers are able to activate the surrounding fuel-air mixture, with gasoline 

being the best of the fuels tested at sustaining continued activation from the diesel 

ignition centers. Similarly, for the same injection timing across all three fueling 

combinations, it can be seen that there is very little cyclic variation in the expansion 

phase of the pressure trace for DG and DP as opposed to DM combustion. It should be 

noted that there is significant cyclic variation during the combustion phase of diesel-

propane combustion.  The minimal cyclic variation in the expansion further suggests that 

it is easier for spatially distributed ignition centers to sustain combustion into the 

surrounding fuel-air mixture of DG and DP opposed to DM combustion Another 

interesting phenomenon is that, when SOI is retarded, the second stage of combustion is 

dominant in DG first followed by DP. These trends are consistent with the fact that 

gasoline is more reactive than propane followed by methane.  For 330 CAD SOI, there 

are two distinct peaks in the AHRR trace for DG and DP; this suggests that combustion is 

likely sustained well after the mass of diesel has been consumed within the cylinder, 

owing to the higher reactivity of these fuels.  No such phenomenon occurs with the DM, 



 

81 

indicating that combustion is hard to sustain in the lean űMethane environment. It can also 

be seen that the cyclic variations of DG combustion remain more or less constant with 

varying SOI. Cyclic variations in DM and DP, however, decrease as SOI is retarded from 

280 CAD to 330 CAD.  

Distinct LTHR and high temperature heat release (HTHR) phases are evident for 

DM and DG at most SOIs. However, DP exhibits distinct low temperature and high 

temperature phases only for 320 and 330 CAD SOIs. When LTHR is observed, its 

magnitude is greater for DG compared to DM and DP. Based on these observations, it 

can be hypothesized that the low temperature chemistry, which leads to LTHR, is 

actively suppressed by both propane and methane, with propane suppressing the 

chemistry more-actively than methane.  With LTHR present at all SOIs for DG, gasoline 

likely had no negative effect, or possibly even enhanced dieselôs low temperature 

chemistry. 

 

a (SOI=280CAD) 
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b (SOI=290CAD) 

 

c (SOI=300CAD) 

Diesel-Methane Diesel-Propane Diesel-Gasoline
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d (SOI=310CAD) 

 

 

e (SOI=320CAD) 
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f (SOI=330CAD) 

Figure 3.7 7(a-f). Cyclic variations in in-cylinder pressure and AHRR histories for 1000 

consecutive cycles for DM and DP combustion cases and for 100 consecutive 

cycles for DG combustion at various SOIs and 5.1 bar IMEP, N=1500 rpm, 

diesel injection pressure = 500 bar, PES of 80%.  

3.6.2.1 Zero-Dimensional Chemical Kinetic Analysis 

To further investigate fuel effects on diesel LTHR, a zero-dimensional chemical 

kinetic analysis is performed. The simulation is performed in a closed homogenous 

reactor using the ñPOLIMI_TOTò detailed chemical kinetics mechanism for n-dodecane 

[45] at engine-relevant conditions. As indicated in Table 5, four different fuel 

combinations were chosen for these simulations. Diesel is represented by n-dodecane and 

gasoline is represented by iso-octane. Case 1 was for neat n-dodecane with ű = 0.3. Cases 

2 through 4 used a fixed amount of n-dodecane (with űdodecane = 0.3) with sufficient 

addition of iso-octane (representing gasoline), methane, and propane, respectively, to 

achieve a total equivalence ratio (űtotal) of 0.5. The simulations were performed at a 
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pressure of 28 bar and temperature of 780 K, corresponding to the average conditions at the onset 

of LTHR from experiments for DM, DP, and DG combustion at several SOIs.  The POLIMI_TOT 

mechanism includes more than 450 species and 15000 reactions [45]. This mechanism 

includes sub-mechanisms for C1 through C16 hydrocarbons. Figure 3.8 shows the time 

evolution of the volumetric heat production rate (Qdot) during the LTHR phase at various 

űtotal values. The following observations are evident from Figure 3.8. 

¶ The onset of volumetric heat release is delayed with the addition of iso-octane, 

methane, or propane, which suggests that in dual fuel combustion, the addition of 

low reactivity fuel (regardless of the specific fuel type) delays n-dodecane 

autoignition.  

¶ The maximum delay in the onset of volumetric heat release is caused by propane, 

followed by methane and then iso-octane.  

¶ The concentration of n-dodecyl-ketohydroperoxide radical (NC12H24O3) is 

observed to decrease with the addition of iso-octane, methane, or propane.   

¶ These observations indicate that of the low reactivity fuels investigated, propane 

has the most effect in both delaying the onset of and suppressing the formation of 

the ketohydroperoxide radical followed by methane and then iso-octane. As a 

consequence, propane also suppresses the magnitude of volumetric heat release 

the most followed by methane and then iso-octane. It is noteworthy that estimated 

CA5 trends as indicated by the start of high temperature heat release in Table 6 

for DP, DM, and DG dual fuel combustion also follow a similar trend. Further 

analysis of the chemical kinetic pathways for DP, DM, and DG is warranted to 

understand the reason behind this trend. 
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Figure 3.8 Time evolution of NC12H24O3 and volumetric heat production (Qdotvol) rate 

histories for various fuel type at Pinitial = 28 bar, Tinitial = 780 K. 

 

Table 3.5 Zero-Dimensional simulation conditions for n-dodecane (representing 

diesel), DG (gasoline represented by iso-octane), DM and DP, all for an 

initial temperature of 780 K and an initial pressure of 28 bar. 

Fuel combination Diesel 

equivalence 

ratio 

Overall 

equivalence 

ratio 

Ignition 

delay 

(seconds) 

n-dodecane  0.3 0.3 3.35E-03 

n-dodecane + iso-octane 0.3 0.5 2.41E-03 

n-dodecane + methane 0.3 0.5 4.44E-03 

n-dodecane + propane 0.3 0.5 4.10E-03 
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Table 3.6 CA5 (with 1 std. dev) for DP, DM, DG dual fuel combustion for diesel 

SOIs from 280 to 330 CAD. 

SOI DP DM DG 

CAD CAD SD CAD SD CAD SD 

280 360.51 1.41  358.25 1.11 350.53 0.54 

290 359.63 1.33  357.16 1.07 349.95 0.59 

300 358.76 1.18  356.63 1.05 349.55 0.59 

310 355.60 0.98  353.84 0.92 348.57 0.51 

320 350.14 0.61  347.48 0.45 345.77 0.29 

330 345.94 0.18  345.46 0.16 344.58 0.11 

 

3.6.3 Cyclic Behavior of Various Combustion Parameters 

Cyclic variations in CA5 (5% of cumulative heat release) versus cyclic variations 

in CA50 (50% of cumulative heat release) are shown in Figure 3.9 for DM, DP, and DG 

at various SOIs. The CA5 variations decrease for all three fueling strategies as the SOI is 

retarded from 280 to 330 CAD.  As SOI is retarded from 280 to 330 CAD, diesel has less 

time to mix inside the cylinder, which helps to form a stratified mixture with locally 

diesel rich zones. These zones easily ignite compared to the leaner diesel zones; thereby, 

decreasing the CA5 variation. CA5 variations are highest in DP followed by DM and 

then DG. This is attributed to propane suppressing diesel LTHR most.  Cyclic CA50 

variations decrease for DP and DG cases compared to DM, indicating that once the 

ignition is established it is easier for combustion to progress throughout the DP and DG 

mixtures compared to the DM mixtures. In addition, at 330 CAD SOI, regardless of the 

low reactivity fuel used, low cyclic variations in CA5 do not guarantee smaller variations 

in CA50. By contrast, higher CA5 variations are always accompanied by higher CA50 

variations for DM combustion; however, this is not the case for DP and DG combustion. 
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For DG combustion, higher CA5 variations are not accompanied by higher CA50 

variations and a similar observation can be seen for few cases of DP combustion. The 

separation between CA5 and CA50 for all three fuel combinations reduces with retarding 

SOI from 280 CAD to 330 CAD, indicating that cyclic combustion variations are likely 

dominated by auto-ignition.  

 

Figure 3.9 CA50 versus CA5 for 1000 consecutive cycles of (a) diesel-methane (b)diesel-

propane and 100 consecutive cycles of (c) diesel-gasoline at 5.1 bar IMEP, N= 

1500 rpm, diesel injection pressure=500 bar, PFEF =80%, with varying SOI. 

 

Figure 3.10 discusses cyclic variations in PMAX versus cyclic variation in 

CAPMAX  for DM and DP and DG combustion for different SOIs. There is not much 

variation in the magnitude of PMAX and CAPMAX  for DG dual fuel combustion for 

different SOIs between 280 CAD to 330 CAD. Fast-and slow burn cycles can be 

discerned through methods put forth by Matekunas [23] and Srinivasan et al. [14] 

wherein an observation of CA50 and CAPMAX  is needed. If CA50 occurs before CAPMAX  

along with a high magnitude of PMAX, the cycle can be said to be fast-burn, and vice 

versa for slow-burn cycles.  For all SOIs between 280 CAD to 330 CAD for DG, CA50 

occurs before CAPMAX  with a higher magnitude of PMAX, indicating that all cycles are 








































































































































































































































































































































































































